Vehicle manufacturers always strive to improve the vehicle handling and passenger safety and comfort. One of the focus points for the automotive industry is the (semi-)active suspension system for which various commercial technologies are existing, varying from pneumatic to hydraulic. This paper addresses the design considerations of a tubular electromagnetic actuator for semi-active suspension.
Design Considerations for a Semi-Active
Electromagnetic Suspension System I. INTRODUCTION T YPICAL vehicle behavior is diving to the front during braking (pitching) and leaning over during cornering (rolling). Additionally, vertical vibrations (bouncing) of the vehicle body can occur while driving over road irregularities. This has an adverse effect on passenger comfort and can even cause a potential safety risk, since the tires might lose road grip. The vehicle suspension has to ensure ride comfort and road holding for a variety of road conditions and vehicle maneuvers. Only a compromise between these two conflicting criteria can be obtained with a passive solution such as fixed rates springs and dampers. However, a semi-active suspension system [1] , as shown in Fig. 1 , characterized by a built-in actuator, can generate control forces to suppress the roll and pitch motions and can ameliorate both safety and comfort. In addition road holding can be improved, due to advanced tire technology and road contact forces control, since it can eliminate the low frequency resonance of the vehicle body (typically 1-2 Hz).
In order to obtain good performance, it is necessary for the actuator control bandwidth to extend substantially beyond the wheel-hop natural frequency (typically 10-15 Hz). These active systems need such a high bandwidth because the vibrations of the unsprung mass (initiated by the road irregularities) have to be absorbed actively unlike the slow passive systems. This paper describes an electromagnetic actuator design for semi-active suspension system ( Fig. 1 ) in order to minimize the articulation during a slalom maneuver.
II. QUARTER CAR MODEL
A well established means of evaluating the performance of a suspension system is the use of a quarter car model, as shown in Fig. 2 , since it provides a proper representation of controlling wheel load variations and suspension working space. In this model all the various components are assumed to be linear, even though in practice the various passive components are neither linear nor symmetrical.
The quarter-car model contains two vertical degrees of freedom: 1) the unsprung mass, and 2) the sprung mass, , displacements. The body and wheel movements are specified by and , the passive spring stiffness by and , the passive damper coefficient by , the actuator force by , and the road displacement by . The various system parameters for the suspension are summarized in Table I .
III. ACTUATOR POSITION
In order to minimize the energy consumption, space envelope, and costs, several semi-active suspension configurations ] with a conventional mechanical spring. In both configurations, a reduced actuator force is needed since the vehicle static weight is carried by the spring. The series/parallel configuration [ Fig. 3(a) ] requires a relatively low-bandwidth actuator force, which is most commonly used in combination with hydraulics. The parallel configuration [ Fig. 3(b) ] is a high-bandwidth suspension, since the actuator must be able to reach the bandwidth of the total system to control the road motions effectively. For both semi-active suspensions the average power consumption can be improved by including a damper, albeit that a higher power level is needed for high acceleration movements.
Cech [2] showed that, in comparison to passive systems, using the series/parallel configuration even a limited actuator bandwidth of 1 Hz already resulted in a considerable improvement in ride comfort. However, for further improvement the parallel configuration [ Fig. 3(b) ] is chosen, since it fully benefits from the high bandwidth of the direct-drive electromagnetic actuator and excludes the extra force, complexity, and delay introduced by .
IV. SLALOM MANEUVER
The specific focus of this paper is to be able to minimize the articulation for a slalom maneuver with the cones 45 m apart, driving at a speed of 30 km/h. The force amplitude is taken from a semi-circle between the cones, therefore (1) where is the vehicle speed in m/s, and is the radius of the semi-circle in m. Using the quarter-car model and the numbers of Table I , a force level of 4900 N is needed for the total vehicle. This being equivalent to a force level of 1225 N per actuator, disregarding any anti-roll bar in the system. Further, this assumes that the roll center and center of gravity are the same, actuator placement in line with the wheel and half the track width equal to the height of the center of gravity, hence, a worst case condition for this maneuver.
V. TUBULAR ACTUATOR DESIGN
A three-phase direct-drive slotted tubular brushless linear permanent magnet (PM) machine [ Figs. 1 and 3(b) ] is chosen. This topology incorporates a high force density, which makes it an attractive candidate for applications where volume and reliability are crucial. 
TABLE II ACTUATOR SIZES FOR VARIOUS POLE-PAIRS
The analytical determination of the machine performance is commonly used for the design optimization and dynamic modeling of linear permanent magnet machines. However, model inaccuracies form a problem, especially when flux leakage, fringing effects, or magnetic saturation are significant. The magnetic field distribution can be established accurately by finite element (FE) analysis, but the process is time demanding and is rather inefficient for design optimization. Therefore, a space mapping (SM) optimization technique [3] is considered for deriving the actuator design, since it combines the advantages of the two analysis methods mentioned above. SM speeds up the design procedure by exploiting a combination of fast, less accurate (coarse) models and time expensive, accurate (fine) models. The misalignment between the coarse and fine models is corrected by means of a mapping function, which is iteratively updated. The algorithm used in this paper is detailed in [4] .
The actuator geometry is obtained by size optimization, having as objective the force density maximization for the required force output of the 1225 N. Five configurations with different number of pole-pairs are introduced and, in order to reduce the time needed for model evaluation, only one pole-pair is considered, with the corresponding force levels summarized in Table II . The geometry of one pole-pair is defined in Fig. 4 . The number of independent (optimization) variables is fixed to four: the length of the magnets , the radius that defines the middle of the air-gap , the axial length and the peak Ampère turns . The remaining parameters are derived based on the following model assumptions: the current density is fixed to 15 A/mm , the coil packing factor is taken 0.5, the air-gap length is 1 mm, the NdFeB PM has a remanent flux density of 1.23 T, and the flux densities in the stator and translator back iron are 1.4 T.
The total static actuator force, for the coarse analytical model, is calculated as the sum of the generated forces for each phase [5] (2) where is the actuator force, is the magnet pole pitch, is the amount of Ampère turns per coil, is the winding factor of the th dimension high harmonic wave component, is the th dimension component of inter-linkage magnetic flux, and is the translator displacement.
The fine model is an axial-symmetric, magnetostatic, FE model. It needs mentioning that the 12 V level in automotive applications is still ambiguous for the introduction of electromagnetic suspension. The dynamic modeling needed to investigate this has not been considered in this paper. The actuator is therefore modeled in a locked position, hence a magnetostatic FE model.
The lower, , and upper, , constraints for the optimization variables are given by [5 mm, 10 mm, 10 mm, 1 A] and [50 mm, 200 mm, 400 mm, 30 A], where the total radius is constrained to be no larger than the axial length of the pole-pair. It needs noting that the solutions should be considered only as local optima. Table II summarizes the results obtained for the five chosen configurations. The force density is calculated as the ratio between the force output level and the rectangular domain circumscribed to the tubular actuator. A thermal FE analysis is performed for each design to determine the value of the hot-spot temperature in the actuator, using adiabatic conditions on the model's left-and right-hand sides, a convection boundary on the outer surface of 50 Wm K , and an ambient temperature of 25 C.
It needs to be noted that, further to the assumed adiabatic conditions, the temperature is calculated for continuous operation, while the actuator in practice has a reduced duty cycle and hence the operating temperature would be at a decreased level. The space envelope of a mechanical suspension spring is defined by a diameter of approximately 140-150 mm. Table II shows that the 5 and 6 pole-pair designs could be resized since their diameters are smaller than the available space. As an example, the redesigned 5 pole-pair actuator (given in the last column of Table II ) provides a force density of 255 kN/m , however, at the expense of an increased hot-spot temperature.
VI. CONCLUSION
A comparative study of different actuator configurations shows that the brushless PM tubular actuator is a viable choice for a semi-active suspension system. The design 310(I) in Table II exhibits 218 kN/m for a of 100 C, which approaches the level mentioned by Wang et al. [6] . It needs to be mentioned that the obtained designs can be improved, since only a restricted number of design variables was considered. In the semi-active suspension application a reduced duty-cycle is applicable, hence, and increased force density of 255 kN/m can be achieved as summarized by 245(II) in Table II. 
